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With special concern to the application of a monova-
lent combustion engine driven heat pump for domestic 
service a compressor operating at various speeds was 
designed and developed. Besides of important con-
straints given by the engine drive rna in attention was 
drawn to a high energetic and volumetric efficiency 
aswell as to a great reliability and of the two cy-
1 i nder compressor durability. The design and test re-
sults will be discussed in the paper and compared 
with other compressors developed for the same purpose. 
PURPOSE 
Considering the primary energy consumption in the Fe-
deral Republic of Germany basedonmineral oil, in 
1980 approximately 35% was used as low-temperature 
heat for heating buildings, while approximately 27% 
was used for highway transportation (passenger cars 
and trucks). It is obvious that there is great poten-
tial for saving energy in the home heating area. Sa-
vings here would clearly reduce problems supplying 
energy for highway transportation. 
In actual operation with currently available techno-
logies, combustion-engine-driven heat pumps were 
able to demonstrate up to 50% savings in 
oil. Figure 1 shows possible savings as a function 
of outside air temperature for the intended appli-
cation type on one- and two-family homes. 
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Figure 1. Possible energy saving 
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a compact design combustion-engine-driven heat pump. 
Air is used as the source of heat energy. For the in-
tended application it is absolutely necessary that 
the unit be easily transportable and smaller than 
normal door dimensions. 
Figure 2. Compact design combustion-engine-oriven 
heat pump 
The aim of development was to design and develop a 
refrigerant compressor which would be optimal for 
the required heat output from the standpoint of function and suitability for installation: 
- minimum input power required to drive unit 
high efficiency, especially in the most commonly 
encountered operating are;r of llOO rpm and exte-
rior air temperatures > 5 C 
- short overall design length, since this affects 
the length of the overall system 
low weight 
low vibration level (balancing and degree of 
speed fluctuation) 
service life of 30.000 hr.- largely maintenance-
free 
Table 1 shows the assumed characteristics for the 
operating range. 
Outside Evaporation Condensation Condensation 
Air Temp. Temperature Temperature Pressure 
ta to tc Pc 
oc De oc bar 
+ 15 + 2 54 13,4 
+ 10 2 53 13,0 
+ 5 6 50 12,3 
0 - 11 52 13,0 
- 5 - 16 54 13,5 
- 10 - 21 56 14,1 
- 15 - 24 58 14,9 
Table 1. Operating points for heat pump for R 12 
First-Order Tangenti a 1 
Mass Forces Force Diagram 
!-Cylinder-Compressor cannot be poor 
balanced 
2-Cyl i nder- can be fair 
V-Compressor v 90 balanced 
4-Cyl inder- balanced good 
V-Compressor V9J 
2-Cylinder-In-Line- balanced less good 
Compressor 
ANALYSIS OF THE VARIOUS TYPES OF DESIGNS AVAILABLE 
When using a compressor on a heat pump the essential 
characteristics - over and above the usua 1 refri gera-
tion system requirements for low input power and high cooling output- are a high thermal output, res-pectively a high coefficient of thermal efficiency. For example, a high volumetric efficiency is desi-
rable, but not a high heat loss in the compression 
chamber since the highest possible heat must be 
produced in the condenser. 
The regulating performance needed for the heat pump 
means that a speed range from approx. 1000 to 3000 rpm 
is necessary. 














































Table 2. Comparison of the various characteristics values 
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With a one -cylinder compressor a not uniform rota-
tional force diagram can be expected. Moreover,free 
mass forces of the first order cannot be avoided. 
Because of the intake interval at 3600 strong pul-
sation are encountered. 
A two-cylinder V-configuration compressor exhibits 
mass forces which are capable of being compensated 
with balance weights. Because of its uneven intake 
interval (900- 2700) its torque curve is not uni-
form. Here a further negative factor is the sur-
face-to-volume ratio in the area of the compression 
chamber since unavoidable heat losses occur here. 
The above characteristics also apply to a four-
cylinder V-configuration compressor. Here the mass 
forces are, of course, balanced out, but the large 
number of parts and consequent higher price is a 
disadvantage. 
The uniform torque curve is a particular advantage. 
The two-cylinder in-line machine offers the best 
compromise among a 11 these criteria. It has a com-
pact compression chamber (small surface-to-volume 
ratio) and, therefore, the lowest heat losses. The 
first-order mass forces in the engine can be com-
pensated. The uniform interval between intakecycles 
produces a uniform torque curve at low pulse rates. 
The design of the valve plate and the cylinderhead 
is more economical than with the V-type design. 
Rotary compressors all have practically no free 
mass forces. Vane compressors have higher losses, 
primarily caused by sliding friction. There are 
additional losses in efficiency when rotary vane 
compressors are to be used without discharge 
valves I 1 I and when such compressors must operate 
under varying service conditions, as required with 
the heat pump. Front-end leakage must not be under-
estimated and is a further reason for poor effi-
ciency. 
Rotary piston compressors of the trochoid design 
with their completely developed sealing limit do 
not exhibit any significant disadvantages in this 
area. However, dead volumes on the lateral sur-
faces, some of which are rather considerable, must 
be taken into account. While on the one hand Ka-
type compressors have relatively high dead volumes, 
but very high compression characteristics (closely 
approaching the enve 1 ope curve), on the other hand, 
Si-type compressors are limited by their mathema-
tical kinematics, and their design has inherently 
limited compression characteristics I 2 I. The dead 
space on the Si 2: 3 version (Wankel) is quite 
large. This is not so serious with the Si 1: 2 ver-
sion, but there the displacement volume I component 
volume ratio is particularly poor. In addition, ne-
gative drive moments cannot be prevented in opera-
tion. 
Screw-type compressors would require an additional 
reduction drive in order to reach peripheral screw 
speeds of approx. 30 m/s. The outlay for oil sepa-
ration is high. In addition, because of internal 
leakage, the efficiency of such a screw-type com-
pressor would be lower, since the compressors must 
be economically manufactured with pormal industri-
al tolerance. 
Good performance as shown on a mass and tangential 
force diagram can be expected with rotary compres-
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sors (vane, wankel, and screw types) due to the 
shape of the design. The heat losses in the pressure 
section of vane and wankel compressors would be un-
desirably high. In the area of heat losses, only the 
screw-type compressor can compete with the similarly 
shaped one-cylinder reciprocating comp~essor or with tile 
two-cylinder in-line compressor. 
DESCRIPTION OF DESIGN 
It was established that the required compressor dis-
placement would have to be in the range of 260 to 
300 cm3 for the heat pump. The best compromise was 
to divide this among two cylinders. The in-line de-
sign provides for high volumetric efficiency and 
the most compact construction with low heat losses 
and low manufactoring costs. 
Establishing the stroke-to-bore ratio sets the main 
dimensions. In order to achieve the optimum valve 
configuration, the compressor was designed to have 
a noticeably short stroke. Because of the short 
overall length, the distance between cylinders must 
be as small as possible, but this distance must be 
sufficiently large to provide for placement of the 
.inlet/exhaust components and to assure that the 
cylinders could be adequately sealed. 
Table 3 shows the main design parameters of the 
VW compressor in comparison with other refrigera-
tion compressor designs and two combustion engines 
with significantly higher peak pressures. 
Table 3. Comparison of main parameters 
Figures 3 and 4 show the construction of the design 
Figure 3. 
Figure 4. 
Thecrankcase is designed with a east-on clutch bell housing for the combustion engine. The crankshaft is designed in a 180° configuration. The compensa-
ting weights were designed such that crankshaft can be inserted into the crankcase from the drive side. The forged crankshaft is supported by economical plain bearings since the lubricating conditions 
are known for the required application and since 
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plain bearings are less sensitive to foreign matter. 
Because of the lower required input power, a gear pump with external gears is preferable to a crescent-
shaped pump. The lubricating conditions are not com-pletely favourable due to that fact that the refri-gerant dissolves in oil. For this reason, a bearing pressure of approx. 41 kp/cm2 was established for 
the-plain bearing. The maximum bearing pressure un-der good lubricating conditions is 180 kp/cm2. The bearings are of a composite design. A porous tin/ bronze layer is applied over a steel backing. This 
tin/bronze layer is covered with a lead/teflon layer. 
The insorts for the connecting rod bearings are in-
stalled with an excess bearing dimension. The wide-
ning results in bearing play of 0.015 to 0.064 mmin the compression direction. At l00°C the clearance is increased by an additional 0.027 mm. The excess dimension would be eliminated at a temperature of 
approx. 1400. 
To theoretically check the plain bearings used in the VW 260, a computer analysis of the displacement path 
of the crankshaft in these bearings was performed 
making certain assumptions. This computer program 
was already discribed in 1974/1978 by Kruse, Rottger 
and Vauth /3/ and therefore requires no further dis-
cription. 
A comparison of the inductively measured displace-
ment path of the engine-side bearing with the theo-
retically determined path Figure 5 shows, as al-
ready described in 1 41 the curves conform to 
one another only moderately well but that the ex-
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Figure 6. Minimum film thickness and relative excentricity 
Main bearing opposite of engine Main bearing at the engine side 
Plain bearing reliability is assured when the mini-
mum lubricating clearance hmin for all crankshaft 
angles is greater than the sum of the roughness va-
lues (chain line, Figure 6). 
For the bearing at hand (Bs=l6mm, Ds=38mm), itwas 
established that at a pressure ratio of Pc/Po = 8 
the main bearing opposite the engine would not be 
reliable under speeds of n=l500 rpm and that the 
engine-side bearing would not be reliable under 
speeds of n = 1300 rpm. As is standard on refrigera-
tion compressors in the first stage the plain bea-
rings were designed for an operating speed of n = 
1500 rpm. It was determined that when these bea-
rings are used for use with diesel-driven heatpumps, 
whose most common operating speed is n = llOO rpm, 
special attention must be paid to designing thebea-
rings for this low speed. 
A change in the bearing width and diameter (Bs to 
17,5mm, 08 to 42mm) resulted in bearings which would be reliable in a speed range from n = llOO rpm to 
3000 rpm. Graphs revealed the improvement achieved 
by simply changing the bearing diameter or bearing 
width. 
The gas replacement components were theoretically 
optimized using a computer program developed by 
Rottger /6/ to simulate the working process of re-
ciprocating compressors. 
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Typical results from this program (Figure 7) are com-putated p-V- graphs, valve lift curves, compres-
sion work, compressor work lasses, volumetric effi-
ciency of the compressor, and indicated efficieny /7/. This program was modified to match actually 
observed valve lift measured elsewhere based on ca-pacity (Figure 8). 
Figure 8. 
The reed-type valves, here viewed as bars clamped in place on one side, were related to the single-mass 
oscillating system such that the deformed mass was interpreted as a spring member and the remaining 
mass of the reed was interpreted as the a.cce l era ted 
mass. A variation in the valve parameters withinthe limits established by the valvemanufacturer demon-
strated that the spring rate plays a subordinate 
role in optimizing the specific compression work (Figure 9). 
Varying the valve cross sections influences this 
specific work significantly. Increasing the maximum 
valve lift, in this case on the suction valve, pro-duced a certain improvement in specific work. Such 
an increase only makes sense from the technical 
standpoint as long as the flow area under the valve 
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Assuming that it is advantageous to have valve 
cross-sectional areas as large as possible in the 
context of low specific compression work, an analy-
sis of changes in the stroke/bore ratio of the com-pressor at hand was performed while maintaining displacement. This variation (S/0 =50/57 .5 to S/0 = 43/62) produced theoretically identical results for 
specific compression work simulating a compressor 
with the same valve plate. 
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In actual tests, however, it was found that such 
compressor modifications lead to poor results (Figure 10). 
Test with the same valve plateshows the influence 
of the various stroke/bore ratios (0.87; 0.69) on the characteristic values. The result was that in-put power was identical while thermal efficiency 
was better on the compressor with the higher 
stroke/bore ratio. The coefficient of thermal 
efficiency confirms this.The cause is the higher proportion of residual gas and the related re-
expansion at top-dead-center. Lower losses due 
to leakage also play a role in this. The volume-tric efficiency clearly reveals this dead-space 
effect. The input power is not reduced to the 
same extent as is mass flow, since losses due 
to friction increase as a result of the higher lateral pressure at the piston and in the bearings. 
A second optimization analysis was performed in 
which the cross-sectional areas of the valve bores 
were en 1 arged beyond the limits set by the va 1 ve-
manufacturer, in order to see what can be gained by such an increase. It was learned that a satu-
ration point is reached at certain values. {Figure 11) 
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For the discharge valve this is reached at a value 
of Ao"-'4.0x lQ-4 m2 and at a value of Aq::6,5x w-4 
m2 for the suction valve. To minimize specific com-
pression work, the ortimum valve plate would have a 
discharge valve cross-sectional area of Aq""3.5 x 
l0-4 m2 and a suction valve cross-sectional area of 








These areas were to be achieved on a va 1 ve p 1 ate for 
the longstroke version of the compressor. In actual 
practice, though, it is very difficult to achieve 
such design limits. The maximum valve lift would 
have to be matched to the optimum cross-sectional 
area taking into account the limiting parametersdis-
cussed above to potentially further improved specific 
compression work by approx. 4%. 
If it is not possible to achieve the optimal cross-
sectional area by a different ratio of the suction 
and discharge valve areas, other designs, for exam-
ple ring plate valves, will need to be tested. Lar-
ger cross-sectional flow areas and better flow can 
be achieved, as is known, by ring plate valves. For 
our application it will be particularly important, 
though, to test the endurance life of such valve 
plates at very different speed ranges. 
TESTS AND COMPARISONS WITH DIFFERENT DESIGNS 
Testing was based on functional tests, accelerated 
tests, tests under actual operating conditions, and 
in special tests such as refrigerant overfilling 
and start cycling. 
To evaluate the operation of the VW 260, the input 
power, the volumetric efficiency and mass flow, the 
thermal output, and the thermal efficiency were de-
termined for operating conditions as encountered in 
heat pump service. The values were compared forcom-
pressors of various designs which were used for the 
application. Table 4 shows the various characteri-
stic values. Figure 13 shows the characteristic 
values obtained in the test. 
Table 4. COMPARISON OF HEAT PUMP COMPRESSOR CHARACTERISTICS 
A B c D E F 
Compressor 2-Cy 1 i nder- 2-Cylinder- 2-Cylinder-V- 4-Cylinder-V- !-Cylinder- Rotary-Vane-
Reciprocating Design in-Line- in-Line- Camp . V 90 Camp . V 90 Compressor Compressor Compressor Compressor 
Dis~lacement (em ) 260 232 263 232 260 280 
Cylinder-bore 57,5 mm 49,0 mm 60,3 mm 31,4 mm 44,0 mm 
Stroke 50,0 mm 44,0 mm 46,0 mm 21,0 mm 21,5 mm 
SID 0,87 0,89 0,76 0,66 0,49 Oil pump yes yes yes yes no no 
Bearing 1 plain bearing ball bearing plain bearing ball bearing roller bearing -
Bearing 2 plain bearing ball bearing plain bearing plain bearing roller bearing -connecting-
rod bearing plain bearing plain bearing plain bearing plain bearing plain bearing -
em 
m 2,5 2,18 2,29 1,04 1,08 s 
Compressor in-
put power (kW) 3,56 3,17 3,58 3,32 2,86 3,96 Compressor 
heat output (kW) 13,76 11,47 9,57 12,14 11,04 9,50 volumetric 
efficiency 0,85 0,77 0,80 0,83 0,72 0,75 
COP- heating 3,87 3,62 3,65 3,65 3,85 2,40 
Efficieny 0,82 0,77 0,77 0,77 0,82 0,52 
Weight (kg) 31,8 33,8 41,0 41,4 27,4 27,0 
Operating parameters: n = 1500 rpm t 0 0°C tc = 55°C ~toh = 20 K 
The input power curve is only partially determined by the compressor design since other effects such 
as differing valve cross-sectional area, mean piston 
speeds, and bearing type (plain, roller) modifythese basic differences. Over the entire range the input power is highest on the rotary vane compressor, 
while one-, two- and four-cylinder compressors have 
similar input power. The one-cylinder compressorre-quires the lowest input power. The four-cylinder's low power loss in comparison with the two-cylinder having the same displacement is due to the superior 
valve design on the four-cylinder. 
The newly developed compressor had the best thermal 
output. The curves are similar with the exception 
of those for the rotary vane compressor; for this design, a higher thermal output is not reached un-ti 1 speeds above 2000 rpm, and the higher 1 asses are 
noticable at lower speed, as is the added injection. 
Maximum values of 3.0 to 3.5 were attained for the 
coefficient of thermal efficiency. The one-cylinder 
compressor achieved good values due to its low in-put power and good valve design- especially at high 
speeds, but at the point of most frequent operation it did not perform as well. 
Table 4 and Figure 14 provide energy and volumetric 
comparisons of-the compressors tested. 
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In comparison to the in-line two-cylinder design, 
the one-cylinder compressor has a 6.2% lower ther-
mal output-inspite of its low input power. This low input power results from its one-cylinder design 
and from its roller bearings. The thermal output of the two V-compressors is approx. 5.7% lower. The higher input power inherently required to drive the 4-cylinder compressor is clearly overcompensated by the good proportioning of the ring plate valves. This is manifested by the relatively high volume-tric efficiency. The rotary vane compressor per-forms poorly in energy comparisons; it generates 
a 38% lower thermal output. 
For accelerated endurance test the two critical points were selected: 1100 rpm with 10°c evapora-tion temperature at 55°C condensation temperature. Here the load on the bearing is the highest, since the oil pressure is still low. 
The highest bearing speeds and valve reed impact velo-
cities occur at the nominal speed of 3000 rpm at 
-280C evaporation and a condensation temperature 
of 650C. In order to test the effects of frequent 
starting, the compressors were tested for 30.000 
start-stop cycles. The accelerated endurance tests 
and tests under actual operating conditions con-firmed the ruggedness of the compressor. 
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